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Abstract—Heat transfer and isothermal friction pressure drop results are obtained experimentally for one
smooth and 25 spirally corrugated brass tubes for power plant condenser applications. The height of the
ridge is varied from 0.44 to 1.18 mm and the pitch of corrugation from 6.5 to 16.9 mm. The spiral angle
of the ridge (with respect to the tube axis) is in the range 68-85 deg and the Reynolds number is in the
range of 10%-6x 10*. Heat transfer and pressure drop data are shown in forms convenient for easy
comparison with those of other authors. They are used to predict theoretically Fanning friction factors
and heat transfer enhancement at both sides of the tube via a unified mathematical model requiring at
input the Reynolds and Prandtl numbers and the geometrical parameters of the ridge. Performance
evaluation criteria are used to obtain quantitative estimates of the benefits offered by the spirally corrugated
tubes.

INTRODUCTION

RECENTLY enhancement of heat transfer has been
focused on techniques for increasing the heat transfer
coefficients in different heat exchange applications.
The trend is to develop more compact and cheaper
heat exchangers or to increase the systems’ thermo-
dynamic efficiency while reducing the operating costs.
Many augmentation techniques are reported [I, 2],
each having its own merits and demerits. References
[3—11] reveal that the spirally corrugated tubes pro-
vide several advantages over other rough surfaces
such as finned tubes, sand-grain textures, wire-coil
inserted tubes or transverse rib roughened tubes.
Some of these are: (i) easier fabrication, (it} limited
fouling and (iii) higher enhancement of the heat trans-
fer rate compared to the increase of the friction factor.

Steam condensers for desalination and power
plants can be designed to utilize corrugated tubes with
significant economic benefits. Until recently, however,
virtually all plants utilized standard, smooth tubes for
the main condenser, auxiliary turbine condensers or
feed water heaters. Although the spirally corrugated
tubes are commercially available [5, 12], limited exper-
imental investigations of their behaviour in power
plant condensers have been conducted [13, 14]. Com-
plete retubing was reported in ref. {15].

The lack of a systematic study on single and
multistart spirally corrugated tubes for condensa-
tion/convective heat transfer applications hinders the
prediction of optimal tube geometry and general cor-
relations are not available. Many authors have ana-
lysed the results for the friction factors in single- and
multistart spirally corrugated tubes in terms of the

momentum transfer roughness function R, defined
from

R(e™) = QINH* 425 2e/D)+3.75 (D

which was correlated by either the roughness Rey-
nolds number ¢*, the Reynolds number Re, and the
geometrical parameters p/e and f, [8, 10, 11], or the
group e*/(pD)) termed as the tube severity factor [6,
10] and introduced in ref. [16]. Experimental heat
transfer data have been analysed using the heat trans-
fer roughness function G{e™, Pr), defined as

(f/28t—1)
V72

Bergles et al. [17] proposed performance evaluation
criteria (PEC) and developed a method to evaluate
the performance effectiveness of existing surfaces for
which Sr and f data were available. These methods
were used in refs. {8, 10, 11] to assess the performance
of particular corrugated tubes. The ratios calculated
following ref. [17], however, should be interpreted as
limits since the external thermal resistance was
neglected and the driving temperature difference was
assumed constant throughout the exchanger. The esti-
mate [7] obtained by the extended criteria [18] seems
to be more realistic. A comprehensive treatise on PEC
was reported later in ref. [19] and we utilize Webb’s
criteria [19] in what follows.

The purpose of this study is to develop correlations
to predict friction factors and heat transfer coefficients
at both sides of the tube in terms of the Reynolds and
Prandtl numbers and the geometrical parameters of
the ridge. Further the PEC suggested by Webb [19]

Gle*, Pr) = +R(e*). 1)
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NOMENCLATURE
A heat transfer surface arca [m’] T shear stress [Pa].
¢, specific heat capacity [F kg 'K~
D tubc diameter [m] Dimensionless groups
e height of the ridge [m] Ay reduced tube surface area, 4,/A4,
h heat transfer coefficient [W m 2 K "] / Fanning friction factor, 2t,/(pU23)
k thermal conductivity [W m~' K~'] G(e*. Pr) heat transfer roughness function.
P pitch of corrugation [m] equation (2)
P pumping power [W] Nu Nussclt number, (4,D;/k)
o heat rate [W] Pr Prandtl number, (¢, u/k)
R\, R, radii, equation (14) [m] P, reduced pumping power, P,/ P,
§ cap height of the ridge [m] 0. increased heat transfer rate, Q,/Q,
t cap width of the ridge [m] Re Reynolds number, (U,,D,/v)
T temperature [K] R{e*) momentum transfer roughness
U, mean fluid velocity, [4V/(xD)] [m s~ '] function, equation (1)
Uy shear velocity, (z,/p)™* [ms™"] St Stanton number, [4/(pU,.c,)]
v volume flow rate per tube [m” s~ ']. W, dimensionless mass flow rate, W,/ W,
By B190
Greek symbols D, dimensionless group. (p—1) - s/e”.
b spiral angle of the ridge with respect to
the tube axis [deg] Subscripts
r mass rate of condensate flow per unit f fluid or film
length [kgm 's™'] i inside diameter
” groove helix angle. 90" — fi {deg] m mean value
Oy tube wall thickness [m] 0 outside diameter
u dynamic viscosity [Pa s] T rough tube
v kinematic viscosity [m*s '] s smooth tube
0 fluid density [kg m ] w at the wall.

are used to select the most efficient of the tubes and
estimate realistically the benefits offered by corrugated
tubes for power plant condensers. Possible improve-
ments of the performance of the tubes are also con-
sidered.

EXPERIMENTAL PROGRAM

Tube configuration

In the present experimental program 25 spirally
corrugated tubes of varying geometries and one stand-
ard smooth tube were studied. All tubes had inside
diameters of 25.9 mm with wall thicknesses of 1.0 mm
before the cold rolling operation. The smooth tube
was used for standardizing the experimental set-up
and to compare the enhancement in heat transfer and
fluid friction. All enhanced tubes were manufactured
from smooth tubes with a special fabrication tech-
nique which embosses an internal projection, also
known as a ridge, in registration with an external
groove. This configuration was attained without thin-
ning the tube wall at the focus of the corrugation.
Figure 1 shows a sketch of a spirally corrugated tube
and the nomenclature used to describe its geometry.
The characteristic parameters—pitch of corrugation
p, height of corrugation e, spiral angle §, number
of spiral starts N, etc—which define the roughness

geometry of the tube, are listed in Table 1(a) and the
dimensionless groups in Table 1(b). All characteristics
are defined as in refs. [16, 20]. Tubes 11-17 and 21-27
were manufactured in pairs at identical technological
conditions but tubes 11-17 were processed by a roll
having a radius r = 1.0 mm, while tubes 21-27 were
processed by a roll with a radius r = [.5 mm.

Experimental work

Figure 2 shows a schematic drawing of the exper-
imental set-up. The actual test section comprised of a
1200 mm long, double pipe heat exchanger, 9, the
inner tube of which was either a smooth tube or a
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FiG. 1. Characteristic parameters of a corrugated tube.
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Table 1(a)
Tube D, D; e p t $ p N
No. (mm) (mm) (mm) (mm) (mm) (mm) (deg) starts
i1 o 27.40 25.25 0.808 14.47 2.69 0.327 80.5 1
12 & 27.46 25.43 0.818 14.42 2.77 0.290 80.5 1
13 & 27.27 25.22 0.833 12.41 2.39 0.260 81.8 I
14 ¢ 27.25 25.19 0.805 10.74 2.65 0.300 82.8 1
15 A 27.37 25.31 0.757 10.14 2.60 0.333 83.3 1
16 O 27.40 25.42 0.759 8.64 2.61 0.334 84.3 H
17 & 27.19 25.18 0.984 14.47 2.67 0.388 80.4 1
2l @ 27.20 26.06 0.876 14.46 2.79 0.347 80.4 1
22 & 27.59 25.44 0.823 14.32 2.87 0.307 80.6 [
23 & 27.17 25.15 0.869 12.35 2.98 0.390 81.8 1
24 ¢ 27.10 25.00 0.750 10.64 2.77 0.289 82.9 1
25 A 27.43 25.40 0.763 10.05 2.71 0.327 83.3 1
26 W 27.47 25.34 0.706 8.65 2.46 0.281 84.3 1
27 27.19 25.14 0.972 14.34 3.22 0.446 80.5 |
18 + 27.27 25.20 1.022 10.95 2.65 0.379 82.7 1
19 x 27.35 25.27 1.071 16.85 3.00 0.487 78.9 1
28 A 27.23 25.26 0.979 10.96 2.91 0.415 82.7 1
29 * 27.50 25.48 1.018 16.85 2.89 0.366 79.0 1
3t v 27.33 25.40 0.710 6.49 2.19 0.340 85.7 1
2 e 27.11 24.97 0.943 7.90 2.79 0.463 84.7 1
33 e 27.56 25.62 0.447 6.55 2.18 0.222 85.7 1
34 27.62 25.78 0.628 8.48 2.46 0.301 84.4 [
35| 26.95 24.90 1.165 14.20 2.95 0.463 80.5 1
51 4 27.88 25.77 1.175 10.52 2.19 0.239 70.2 3
2R 27.59 25.53 0.903 8.63 2.32 0.250 73.4 3
Table 1(b)

N e/D, ple By D, N e/D ple B @,
11 0.032 17.9 0.894 5.90 27 0.039 14.8 0.894 5.25
12 0.032 17.6 0.894 5.05 18 0.041 10.7 0919 3.01
13 0.035 14.9 0.909 3.75 19 0.042 15.7 0.877 5.88
14 0.032 13.3 0.920 3.75 28 0.039 11.2 0.919 3.49
15 0.030 13.4 0.926 4.38 29 0.040 16.6 0.878 493
16 0.030 11.4 0.937 3.50 31 0.028 9.1 0.952 2.90
17 0.039 14.7 0.893 4.73 32 0.038 8.4 0.941 2.66
21 0.034 16.5 0.893 5.28 33 0.017 14.7 0.952 4.86
22 0.032 17.4 0.896 5.19 34 0.024 13.5 0.938 4.59
23 0.035 14.2 0.909 4.84 35 0.047 12.2 0.894 3.84
24 0.030 14.2 0.921 4.04 51 0.046 9.0 0.780 1.44
25 0.030 13.2 0.926 4.12 52 0.035 9.6 0.816 1.93
26 0.028 12.3 0.937 349

spirally corrugated one. The outer tube of the test rig
was an iron pipe having an inside diameter of 100
mm. The test tubes were equipped with nine copper—
constantan thermocouples of 0.15 mm diameter sold-
ered on the outer surface of the tubes at a distance of
100 mm from each other. The test section was pre-
ceded by a smooth tube or spirally corrugated tube
calming section 800 mm long, 8, depending on the
tube under study. At both the inlet and the outlet,
the tube tested was equipped with two measurement
stations, each one including four pressure taps set 90
deg apart in a cross-section. The static pressure from
the measurement station (the average of tap outputs)
was connected to the limbs of a U-tube manometer.
The water was pumped from a reservoir tank, 1,
passed through an orifice meter, 4, mixing chamber,
6, smooth, 7, and rough, 8, entrance sections and run
through the rough test section followed by another

mixing chamber, 11, and cooler, 12. The heat was
supplied by condensing steam generated into a boiler,
5, and condensing at vacuum. When the steady state
was attained, the flow rate of the test fluid, the tube
wall temperatures, inlet and outlet water temperatures
and the temperature of the saturated steam were mea-
sured. The water flow rate was measured by a cali-
brated orifice meter and the accuracy of the measure-
ments was estimated at 2% while that of the pressure
drop measurements at 5%. The inlet and outlet tem-
peratures of the cooling water were measured by cali-
brated 0.1°C accurate mercury-in-glass thermometers.
The wall temperatures and the temperature of the
steam were measured by copper—constantan thermo-
couples with the same accuracy. The bulk temperature
of the water ranged from 54 to 80°C and the cor-
responding variation of the Prandtl number was 3.4
2.2. All physical properties were evaluated at the aver-
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FIG. 2. Schematic diagram of the experimental setup: 1, reservoir; 2, water heater; 3, pump; 4, orifice

meter ; 5, boiler ; 6, calming chamber ; 7, smooth entrance section ; 8, rough entrance section ; 9, rough test

section; 10, smooth outlet section; 11, calming chamber; 12, cooler; 13, extra steam condenser; 14,
separator; 15, vacuum pump; 16, condensate measuring tank.

age bulk temperature between the inlet and the outlet.
The temperature of the steam varied from 60 to 85°C
and the corresponding log-mean temperature differ-
ence between the steam and the cooling water was
3-7K.

RESULTS AND DISCUSSION

Fanning friction factors

The isothermal pressure drop studies were con-
ducted at different temperatures of the water in the
range from 40 to 80°C in all tubes for turbulent flow
of water. Isothermal friction factor coefficients were
determined and their uncertainties were estimated at
4%. The friction factor coefficients for the smooth
tube were satisfactorily correlated by the Blasius
equation

£=0.079Re™ 25 )

over a range of Reynolds numbers from 10*to 6 x 10*
with a standard deviation of +3% and this equation
was used for calibration of the experimental set-up.
As expected, the turbulent flow friction factors in
single- and multistart spirally corrugated tubes were
significantly higher than in the smooth tube under the

same operating conditions (Fig. 3). A characteristic
feature of the flow in spirally corrugated tubes is that
even at high flow rates, the friction factor continues
to decrease with the increase of Re although not so
rapidly as in the smooth tube—a behaviour observed
earlier [3-12]. Friction factor data were correlated by
the following equation :

f=¢Re" )

obtained via a curve-fitting procedure. The values of
¢; and m were determined for each tube and equation
(4) represents the data within 4 2% standard devia-
tion. The values for ¢; and m are listed in Table 2.

An inspection of Table 1(b) and Fig. 3 indicates
that the Fanning friction factors measured for the
pairs of tubes 11 and 12; 14 and 24; and 17 and 27
have different values (in pairs) despite the fact that
their e/D;, p/e and B, are equal. The differences are of
the order of 6% for tubes 14 and 24 and 17 and 27
and 16% for tubes 11 and 12. Similar observations
were reported in ref. [5] for tubes 1 and 2, where the
differences in the friction factor values were about
9%. This fact was observed earlier in ref. [21] for cross
groove corrugated tubes where it was pointed out that
for equal heights and pitches of the ridges, created
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FiG. 3. Friction factor vs Reynolds number.

inside tubes with equal internal diameters, the friction
factors could differ by up to 25% according to the
technology of the rolling operation. In ref. [22] we
discussed the idea that two additional geometrical
parameters could be introduced due to their influence
on the flow behaviour in the region between two ad-
jacent ridges. The parameters are: ¢, the axial width
of the ridge cap and s, the radial height of the ridge
cap. These two parameters are defined as follows:
s is the distance between the crest of the ridge and
the inflection point where the concave and convex
portions of the (symmetric) ridge join each other
smoothly and have a common tangent, whereas ¢ is

2191

the distance between the inflection points of the two
slopes of the ridge. These parameters have been men-
tioned for the first time in ref. [16] where an attempt
has been made to use them in an in-tube heat transfer
coefficient correlation but since then they have not
appeared in the reports. Similar attempts to introduce
the width of the semicircular promoter are encoun-
tered in refs. [8, 10].

Having in mind the physical nature of the flow
between two adjacent promoters, in ref. [22] we sug-
gest two geometrical complexes to characterize its
hydraulic behaviour—(p—1t)/e and s/e. The first one
characterizes the evolution of the flow separation
from the promoter and the second defines the degree
of separation of the flow and the swirls after the pro-
moter. Multiplying these two simplexes we introduce
a new one

D, = (p—1)-sfe’

to replace the simplex p/e and to take into account
the phenomena mentioned above. In ref. [22] we
showed that the momentum transfer roughness func-
tion R(e*) could be expressed (on the basis of the
experimental results shown on Fig. 3) in the form

R(e*) = 0.416Re" (¢/D) 25 " 4DL%.  (5)

Using the correlation, equation (5), the friction fac-
tors corresponding to 346 experimental points were
calculated. The comparison between experimental
and calculated values of f'showed a relative difference
of more than +10% for six points only. In ref. [23]
we extended this idea and developed a ‘mixing-length’
model for predicting the friction factor and heat trans-
fer coefficients in spirally corrugated tubes.

Heat transfer

Heat transfer studies in spirally corrugated tubes
were carried out to obtain values for the water-side
heat transfer coefficients /;, and the steam condensing
coefficients #,. Since the metal wall temperatures were
measured, the individual film heat transfer coefficients
were determined from the equation

Q = hvo(Ts"— Tw)m = hiAi(Tw—' Tb)m (6)

where @ is the mean of Q, (based on the steam con-
densate measurements) and Q. (based on the coolant

Table 2

Tube Tube Tube

No. ¢ m No. ¢ m No. ¢ m
It 0.067 —0.113 21 0.077 —-0.122 31 0.082 —0.130
12 0.077 —0.142 22 0.079 —0.145 32 0.120 —0.133
13 0.104 —~0.162 23 0.084 —0.137 33 0.052 -0.134
14 0.090 —0.143 24 0.078 —-0.134 34 0.089 -0.163
15 0.082 —0.140 25 0.098 ~0.157 35 0.139 —0.140
16 0.065 ~0.110 26 0.087 —0.138 51 0.081 -0.133
17 0.062 —0.090 27 0.079 —0.108 52 0.141 —-0.193
18 0.102  —0.122 28 0.071 —0.104
19 0.095 —0.128 29 0.093 —-0.132
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water). Only those runs for which the heat balance
crror (HBE). calculated as [2(Q,—0.)/(Q.+0QJ)}"
100%, was less than 4 5% were processed for evalua-
tion of i, and 4,. The tube wall thermal resistance
was accounted for in the calculation of the individual
heat transfer coefficients.

Water-side heat transfer coefficient, h;

The smooth tube heat transfer coeflicients were
found to agree to within +3.5% of the Sieder-Tate
equation, for turbulent flow heat transfer of water

NLli — 0.027R€0'8 P’,()J}(#b/,'uw)l). 1 4. (7)
Compared to the Dittus—Boelter equation
Nu; = 0.023Re"* pro* (8)

the experimental values of 4; were found to be 13%
greater than the values calculated from equation (8),
thereby suggesting the replacement of 0.023 with 0.026
in equation (8). A similar result was reported in ref.
[6] suggesting the value of 0.027. Figure 4 shows the
heat transfer data in the form Nu; Pr- ** as a function
of the Reynolds number Re, a counterpart of the
friction factor data shown on Fig. 3. Therefore, the
heat transfer data were correlated in the form

Nu, Pr=%% = ¢, Re" 9

by a curve-fitting procedure and the values of the

o
2
x
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2
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- % Nu Pr-94=0.023Re>
06 4 L1 1
1 2 3 4 5 6 7
Rex 104
Fig. 4. Water-side heat transfer coefficient vs Reynolds
number.
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constants ¢, and n, for each tube, are listed in
Table 3.

Since many authors [5, 8-11] use the heat transfer
roughness function G(e*, Pr) to analyse their exper-
imental data we calculated the G-function to comparc
our experimental results with those of other authors.
The variation of G(e™, Pr) Pr ™% with e is shown
on Fig. 5. Since the variation of the Prandtl number
in our experimental program was in quite narrow
limits, 2.15 < Pr < 3.4, it was not possible to evaluate
the Prandtl number effect on the G-function. Conse-
quently we accepted the dependence on Pr in the form
Pr"** as proposed in refs. [8, 10] which agrees well
with Pr®*7 as reported in ref. [24]. The correlation
which fits the experimental points is

G(‘,+, P’) — 6.7((’+)“'H Pri).SS. (10)

For comparison, the corresponding correlation [10] is
also shown on Fig. 5.

Condensation heat transfer coefficient, h,

Smooth tube condensation heat transfer coefficients
obtained from the experiments were compared to
those resulting from Nusselt’s

h, o
— = hY = 15140 )" "

{wﬁg}”
I

where the physical properties are functions of the film
temperature calculated as

(1)

T, =0.5(T.+T.).

The comparison revealed that the heat transfer
coefficients calculated from equation (11) under-
estimate by up to 40% those measured in the exper-
iments. But if one takes into account the fact that
generally in the research practice results up to 35%
higher than those predicted from equation (11) have
been reported, and that the changes of the complex
4T /u; were within quite narrow limits (31.3-39.5) for
a more comprehensive estimate, we consider these
results acceptable (having also in mind that equation
(11) has been derived assuming several simplifica-
tions, amongst others a zero steam velocity).

Studying the relationship between performance
characteristics and the groove profile, in ref. [25] it
has been found convenient to express the corrugated
tube results as the ratio (enhancement factor) E,
defined as

E, = hg.fhss

(12)

where the actual corrugated (roped) surface result is
divided by the actual plain surface result at identical
conditions. It is well known that the corrugated tube
geometry gives rise to surface tension forces and might
evoke an enhanced liquid drainage. Following refs.
[25, 26] the relationship ‘surface tension vs gravity
forces’ can be expressed as the Weber number We,
defined by
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Table 3
Tube Tube Tube
No. Ch n No. [ n No. ¢ n
11 0.075 0.782 21 0.073 0.787 31 0.030 0.871
12 0.050 0.815 22 0.034 0.854 32 0.044 0.848
13 0.047 0.830 23 0.032 (.868 33 0.010 0.945
14 0.047 0.830 24 0.042 0.838 34 0.012 0.950
15 0.034 0.858 2 0.054 0.810 35 0.073 0.792
16 0.035 0.859 26 0.041 0.840 5t 0.062 0.790
17 0.115 0.738 27 0.067 0.799 52 0.191 0.673
18 0.060 0.815 28 0.065 0.801
19 0.112 0.744 29 0.058 0.809 s 0.018 0.835
o since the Weber number was defined differently in ref.
We = ogp /R +1/Ry). (13) [26]. Equation (15) confirms the tendency revealed

To take into account the fraction of the groove
surface, i.e. the groove frequency, we consider the
pressure gradient, caused by the surface tension
forces, relative to a distance p (one pitch). Using the
simple geometry, Fig. 1, the radii R, and R, can be
determined by

R, = 0.55[1+0.25(¢/s)%] — 4.,
R, =0.5(e—s)[1+0.25(¢/) +3,  (14)

where the geometrical parameters e, ¢ and s have
already been used to express the internal friction
factors and heat transfer coefficients.

As mentioned in ref. [26] the groove capability to
shed condensate at a high rate will obviously depend
on the groove helix angle y. For this reason a simple
relation was found by linear regression analysis and
the result is shown on Fig. 6. The experimental data
could be fitted adequately by the relation

E, = 1.13(Wecos )™, (15)

For comparison Catchpole and Drew’s relation [26]
is given which yields slightly higher values of E,. This
comparison must be considered with a stipulation

earlier in refs. [12, 26].

Performance evaluation criteria (PEC)

Figures 7-9 represent the criteria FG-2a, FG-3 and
VG-1 (FG, fixed geometry; VG, variable geometry)
following ref. {19]. The design objectives of these three
criteria are:

(1) Case FG-2a—to maximize the heat transfer rate
for equal pumping power and heat exchange surface
area (P, = A, = 1). This criterion involves a direct
replacement of smooth tubes by augmented tubes of
equal length typical for the power plant condenser
retubing. The pumping power is maintained constant
by reducing the tube-side velocity and thus the ex-
changer flow rate.

(ii) Case FG-3—to minimize the pumping power
for equal heat duty and surface area (Q, = A, = 1).

(iii) Case VG-1—to reduce the tube surface area for
equal pumping power and heat duty (P, = Q, = 1).
In this case the exchanger flow rate is held constant
and it is necessary to increase the flow frontal area to
satisfy the pumping power constraint.

The performance characteristics of the tubes

201 Gle*)=8.66+0.13[10]

-
N

Gle*, Pr)Pross

iy
Q

Gle*)=6.7¢*0.13

] | ]

20 50

100 200
et

FiG. 5. Variation of G(e*, Pr)Pr~%>% with roughness Reynolds number, e*.
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1.5—

Eo=1.17{We cos 10076 [26]

N
Ey=1.13{We cos v)0.067
05 | 1 |
0.2 0.5 1 2

Wecos vy

F1G. 6. Steam-side enhancement factor vs We cos 7,

studied, shown in Figs. 7-9, were obtained taking into
account the thermal resistance across the metal tube
wall, enhancement on the outer tube surfaces (E, # 1)
and the tube-side fouling resistance (which was
assumed zero in the preliminary calculations).

It is well known [19] that the FG cases operate at
reduced exchanger flow rate (W, < 1) which penalizes
the augmented exchanger whereas such a penalty does
not occur for the VG cases, which maintain W, = 1.
Nevertheless, tubes 16 and 28 show an increase in the
heat transfer duty of 25-30% in the range of Reynolds
numbers studied. Tube 34 also deserves attention

® FG-2a
1‘3»‘3:‘,A o,0a .
A
u g oad g(‘pa "Z“%A
1.2 LA A
X g
A
1.
< <
13k 28 . . Pr=2.95
o X 1'g'ﬁ 1
o} *x F agsnw
1.2 *x O.M
+ &
x ¢ &
x
11 x
< &>
X
x
'1‘3“-v » X
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1219w hd st % B AV v
2 g M +9*+9 o
=Y *
£
“ x
1.1 ®
1 i F I SO T |
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Rex 104

F1G. 7. Increased heat transfer rate for equal pumping power
and heat transfer surface vs Reynolds number.

since for Re > 3.5 x 10” it shows the best performance
(Fig. 7). When the objective is to reduce the surface
area with specified flow rate (case VG-1, Fig. 9) tubes
32, 14, 16 and 28 show a reduction of surface area of
38-48% in the range of Reynolds numbers studied.
Water-side fouling is well known as a major con-
tributor to poor condenser performance. Figure 10(a)
shows its effect on the increased heat transfer rate
(case FG-2a) for tubes 16 and 34. When the tube-side
fouling resistance is 5.8x107° m®* K W' (con-
ventionally used in the condenser design), it causes a
penalty for the performance ratio of 4-9% in the

"
0.6} - . .
uﬁ ® ® B x
o
0.5/~ ot ° e+ 8 ﬁ;
+V +v"’x;v¢'vw‘vﬁv
* x* # L
0.4 P
x K
0.3 FG-3
9 x
ot o8k b
=
Pr=2.95 X g T
E 4
0.5 w o »
4 & = i
¢ " o (7. 3 &
0ab-%8%x T age oa f o ob 40
o x
0.3}
pY
05|~
id
» Y wh ¥ o pu gt
0.4r-,®\ﬂ R 4 q,hoo.ﬂ&& %
w .
®*o
03 ; T N B
1 2 3 4 85 8 7
Rex 104

FiG. 8. Reduced pumping power for equal heat duty and
heat transfer surface vs Reynolds number.



Heat transfer and friction characteristics of spirally corrugated tubes—1

VG-1
07 & x
b e 8 x afs
¢ x ¥ o
08 ® . 2 %* nv} P/
Ve R Ux a*
©
0.5_A+x A
B x
x
0.7 X ¢ z
o A
i . N
0.6 MR A R
<‘ !.o ‘l B-’A o *
gao
05
Pr=2.95
0.4
O
wo
adt .2 L)
0.6 <Y e ;ﬁ;@ 089, ¥ 3
" ﬂ¢‘ R o ¢ .
0.5 ©
0.4 | R L1
1 2 3 4 5 6 7

Rex 104

F1G. 9. Reduced heat transfer surface for equal pumping
power and heat duty vs Reynolds number.

1} — Ae=0.0 “ﬂ"‘Tc'E:m'
T == R;=5.8x105 mZK W
—-— R;=8.6x10-5
| il 1 | |
1 2 3 4 § 8 7
Rex 104

FiG. 10. Increased heat transfer rate for equal pumping
power and heat transfer surface vs Reynolds number.

range of Reynolds numbers studied. The importance
that the corrugated tubes be kept clean is evident. A
possibility to improve the performance of the tube is
if an additional external enhancement is being applied,
such as in the case of the tubes manufactured by IMI
Yorkshire Alloys, Ltd., Leeds [12]. Tubes 16 and 34
have an external enhancement factor E, = 1.12 and
1.07, respectively. If their external enhancement fac-
tors are improved up to the value of 1.7 (enhancement
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factor of the tubes manufactured in ref. [12]) this
would increase their performance ratios by 4-7% even
though a water-side fouling resistance of 5.8 x 107>
m? K W~ is available (Fig. 10(b)). This, however,
requires a different configuration of the tube geometry
on each side of the tube.

It should be emphasized that the performance of
the tubes evaluated on the basis of these criteria do
not include the effects of the vapour shear, condensate
inundation and non-condensible gas concentration
which might also influence the final selection of the
tubes for use in power plant condensers.

CONCLUSIONS

The results of the present study can be summarized
as follows:

(1) All spirally corrugated tubes showed an internal
enhancement factor ranging from 1.77 to 2.73 and an
external enhancement factor from 0.99 to 1.22. An
increase of the friction factor coefficient from 100 to
400%, compared to the smooth tube, was observed.

(2) A correlation for the momentum transfer rough-
ness function R = R(Re,e/D,, B, ®,) based on the
results of the present work was derived including
additional geometrical parameters of the ridge. A cor-
relation for the heat transfer roughness function
G(e™, Pr) was also proposed to enable the comparison
with other heat transfer data and the prediction of
internal heat transfer augmentation published else-
where. A simple correlation for the external heat
transfer enhancement factor was also obtained,
including the additional geometrical parameters of the
ridge, to complete the mathematical model.

(3) Performance evaluation criteria were used to
assess the benefits of replacing the smooth tubes in
power plant condensers with corrugated ones. An
increase of the heat transfer rate up to 25% and more
can be achieved. The reduction or elimination of the
tube fouling will also improve the thermal efficiency
of the condenser.
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CARACTERISTIQUES DE TRANSFERT THERMIQUE ET DE FROTTEMENT POUR
DES TUBES CORRUGUES EN SPIRALE POUR CONDENSEURS DE CENTRALE
THERMIQUE—I. ETUDE EXPERIMENTALE ET EVALUATION DES PERFORMANCES

Résumé-—Des résultats sur le transfert thermique et la perte de pression par frottement isotherme sont
obtenus expérimentalement pour un tube lisse et 25 tubes en cuivre corrugués en spirale afin d"application
4 un condenseur de centrale thermique. La hauteur d’aréte varie entre 0,44 et 1,18 mm et le pas de
corrugation de 6,5 4 16,9 mm. L’angle de la spirale (par rapport a 'axe du tube) est dans la plage 68 85
degrés et le nombre de Reynolds entre 10* et 6 x 10%. Le transfert thermique et la perte de pression sont
sous une forme favorable & une comparaison facile avec les données des autres auteurs. On peut prédire
théoriquemnent le facteur de frottement et I’accroissement de transfer thermique des deux c6tés du tube 4
I'aide d’un modéle mathématique dans lequel on entre les nombres de Reynolds et de Prandtl ainsi que les
paramétres géométriques. Des critéres d’évaluation de performance sont utilisés pour obtenir des esti-
mations quantitatives des bénéfices permis par les tubes corrugués en spirale.
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WARMEUBERGANG UND DRUCKABFALL AN SPIRALFORMIG GERILLTEN
ROHREN FUR KRAFTWERKSKONDENSATOREN—|. EXPERIMENTELLE
UNTERSUCHUNG

Zusammenfassung—Es wird der Wirmetibergang und der isotherme Druckabfall fiir ein glattes und 23
spriralfdrmig gerillte Messingrohre, wie sie fiir Kraftwerkskondensatoren verwendet werden, experimentell
ermittelt. Die Rillenhohe wird von 0,44 bis 1,18 mm, der Rillenabstand von 6,5 bis 16,9 mm varitert. Der
Spiralwinkel der Rille (bezogen auf die Rohrachse) liegt im Bereich zwischen 68° und 85°, die Reynolds-
Zahl zwischen 10* und 6 x 10*. Die Ergebnisse fiir Wirmeiibergang und Druckabfall werden so dargestellt,
daB sie einfach mit den Ergebnissen anderer Autoren verglichen werden kdnnen. Die Ergebnisse werden
dann dazu verwendet, den Reibungsbeiwert und die Verbesserung des Wiirmeiibergangs an beiden Rohr-
seiten mit Hilfe eines vereinheitlichten Modells zu berechnen, das als EingabegroBen die Reynolds- und die
Prandtl-Zahl sowie die Geometrie der Rille bendtigt. Es werden Kriterien zur Leistungsbestimmung
verwendet, um die Vorteile spiralfdrmig gerillter Rohre quantitativ abzuschétzen.

XAPAKTEPUCTHKH TEIUIONEPEHOCA U TPEHUA TPYB CO CIIMPAJIBHBIM
OPEBPEHMEM B KOHJAEHCATOPAX 3HEPTETUYECKUX YCTAHOBOK—1.
SKCITEPUMEHTAJILHOE UCCIEAOBAHUE ¥ OIIEHKA PABOYUX XAPAKTEPUCTHK

Amnoraums—Iloyyensl 3KCIICPHMEHTABHBIC AAHHBIC IO TEILIONEPEHOCY M Nepenany AaBJeHHA 3a CYET
TPeHHS B M30TEPMHYECKOM CJlyyae AJIS OFHOH riaikoil w 25 Tpy6 co cuupaibHeiM opebpenueM H3
JIATYHH, MCHOJIB3YEMBIX B KOHAEHCATOpPAaX 3HEPreTHYECKHX YCTAHOBOK. BricoTa pebep Mm3MeHsiach or
0,44 no 1,18 MM, a mar mexay HEMH—oOT 6,5 g0 16,9 mMm. JJuanason H3MeHeHUs 4Hcia PelfHonbica
cocraBasn 10°-6 x 10%, a yron sakinona pebpa oTHOCHTENLHO OCH TPYShI-—68—85°. JlaHHEIE MO TErLIO-
NIepeHoCY M Nepenajy HAB/ieHds TPEACTABICHbl B BUAE, yXOGHOM Ul CPABHEHHA C pe3ylbTaTaMy
Apyrux asropos. OHH HCHOJB3YIOTCH AUIS TEOPETHHYECKOTO pacyeTa KOoMpQHUNEHTOB TPEHHS U HHTEHCH-
daxanusu Tenonepenoca no obe croponst TpyShi ¢ nOMONBIO 0606MIEHHOR MaATEMATHYECKOR MOICITH,
nns xotopoil Tpebyetca 3nanue wucesn Pelivonbaca u Ipanaris ua sxoje, a TaKKe TeOMETPHYECKHX
napameTpos pebpa. Ha ocrose onmpenenesns paGouHX XapakTEPHCTHK NONYYEHB! KOJHYECTBEHHBIC
OLECHKH NIPEHMYIIECTB TPy co crimpanpHbiM opebpenuem.
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